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Abstract— Rolling element eccentric drives promise to be an
easy-to-manufacture and performant gear system for robotic ac-
tuators. They share characteristics with other eccentric drives,
such as strain wave and cycloidal drives, but use rolling ele-
ments instead of an eccentric gear. They offer reduced manufac-
turing complexity and costs by using readily available standard
parts. Little research into rolling element eccentric drives is
available, and their characteristics are still underexplored. This
work uses a contact-based model to investigate the previously
unknown stiffness of rolling element eccentric drives. Such
calculation methods are well established for structurally similar
components, such as cycloidal drives and roller bearings, and
provide a high-level and computationally efficient model. Good
stiffness models are critical for accurately predicting robotic
actuator behavior and enabling better control of robotic sys-
tems. Additionally, the proposed model is used to calculate the
contact forces under load occurring in rolling element eccentric
drives. Contact forces are critical to calculating a drive’s load
capacity, lifetime, and efficiency and serve as the foundation for
further research. The mathematical description of the proposed
model is derived, and the stiffness of a representative rolling
element eccentric drive is calculated. Different manufacturing
techniques, characterized by tolerance levels and material
choices, are compared. Irrespective of manufacturing precision,
similar stiffness curves result for drives made of steel, but higher
contact forces result from less precise manufacturing. The
stiffness of drives made from 3D printed plastic is considerably
lower than that of drives made from steel. Additionally, the
stiffness of rolling element eccentric drives is compared to
similar eccentric drives, and a comparable twist-over-torque
curve is shown.

I. INTRODUCTION

Drive systems are of high importance for robotics. They
have a major impact on robotic systems’ payload capacity,
performance, and price [1]. Typical robotic drive systems
employ a high-ratio gearbox to reduce the speed and in-
crease the torque of an electric motor. For this application,
eccentric drives, such as cycloidal and strain wave drives,
are particularly important [2]-[4].

In a previous work [5], a variant of eccentric drives
utilizing rolling elements was discussed. Rolling Element
Eccentric (REE) drives promise easier manufacturability than

Research based on project 461993234, which is supported by the German
Research Foundation (DFG).

All authors are with Technical University of Munich, Germany; TUM
School of Engineering and Design, Department of Mechanical Engineering;
Munich Institute of Robotics and Machine Intelligence (MIRMI).

Simon Fritsch is the corresponding author (Email:
simon.fritsch@tum.de).

1 Institute of Machine Elements, Gear Research Center (FZG).

2 Institute of Automation and Information Systems (AIS).

3 Laboratory for Product Development and Lightweight Design (LPL).

979-8-3503-7769-9/24/$31.00 ©2024 IEEE

other eccentric drives while maintaining their benefits, such
as high transmission ratios and stiffness.

REE drives are of interest for homemade and lightweight
robots because they can be manufactured using 3D printing
and composite construction techniques utilizing standard
parts. In contrast, strain wave drives present major challenges
for low-cost manufacturing and 3D printed cycloidal drives
need additional metal components due to the required output
pins [6]. Fig. 1 shows previously constructed prototypes
which were 3D printed using the Fused Filament Fabrication
(FFF) process. These prototypes show good transmission
characteristics and low friction while maintaining a low
weight and low cost.

a

Fig. 1. Assembled 3D printed REE drive prototype (a) and disassembled
3D printed parts and rolling elements (b). (Reprinted from [S] under CC
BY 4.0)

Due to the lack of research into REE drives, their pre-
cise characteristics are still unknown. This work proposes
a simulation approach for REE drives based on contact
deformations. Contact-based models are well established for
cycloidal drives [7], [8] and roller bearings [9], enabling
easier-to-implement and faster calculations than FEM-based
approaches.

In this work, the proposed simulation model is used to cal-
culate the stiffness and backlash of REE drives. The stiffness
curves resulting from different manufacturing techniques
are computed, and the results are compared to established
cycloidal and strain wave drives.

Stiffness and backlash are central issues in robotic ac-
tuation [10]. Depending on the task, either a high or a
low stiffness actuator may be preferable [11], but nearly all
robotic applications benefit from accurate stiffness models.
Consequentially, establishing such a model is a key step
towards the adoption of REE drives in robotics.

An accurate stiffness and contact force model is critical
to predicting the performance of a robotic gear system [12].
This work is part of the project DSL4RAS [1], which uses an

3526



interdisciplinary approach including a description language
[13] in order to model and predict robot-like systems in real-
life environments. Stiffness is not only a criterion for actuator
performance but also has uses in the modeling and control
of robotic systems. An accurate stiffness model can increase
the accuracy of position and force control of robotic systems
[11], [14].

Additionally, the proposed simulation model is used to
calculate the load distribution and contact forces of REE
drives. Such calculations serve as a foundation for further
investigations. Knowledge of the occurring contact forces is
essential in order to investigate the load capacity, lifetime,
and efficiency of REE drives. This allows for comparisons
between different designs and enables an optimization of
the drive geometry ahead of an experimental investigation.
Without such an optimization, an experimental drive may not
accurately reflect the capabilities of REE drives.

II. STATE OF THE ART

The overall structure of a REE drive is shown in Fig. 2.
The shown drive has a crank-to-cage transmission ratio of
10 and uses two eccentricities offset by 180°. REE drives
work by pushing rolling elements into an outer ring gear by
means of an eccentric crank. The gear geometry transforms
the radial movement of rolling elements into tangential
movement, which is constrained by the cage. In order to
use a REE drive as a reducer, the crank must be used as the
input, and the gear or the cage can be used as the output,
with the other providing a fixed reference. [5]

S
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Fig. 2. Structure and components of a rolling element eccentric drive.
(Adapted from [5] under CC BY 4.0)

Different kinds of rolling elements can be used in REE
drives. The choice in rolling element and several further
design choices are discussed in [5].

REE drives promise easier manufacturability due to their
use of standard parts. Both the rolling elements and the
bearings used as the crank surface are readily available
and precise standard parts. If spherical balls are used as
the rolling element, the cage can be easily manufactured
using turning and cross-drilling [5]. This leaves only the gear
geometry as a complication, which can be fabricated using
CNC milling or additive manufacturing. In contrast, strain
wave and cycloidal drives require multiple complex parts,
which lead to higher costs and make custom drives difficult.

This work uses the nomenclature established in [5]. Fig. 3
shows an overview of the underlying geometry. The path
of the rolling elements is described by the distance c
parametrized as a function of the angle 3. The gear geometry
is formed by an equidistant of the rolling elements path.
The gear geometry is parametrized in terms of § and is
2m-periodic. Tolerances can be included by adjusting the
distance of the equidistant q. For a detailed derivation of
the gear geometry, see [5].

Fig. 3. Underlying geometry of REE drives. The path of the rolling
elements is shown in blue, and the resulting gear geometry is shown in
red. (Adapted from [5] under CC BY 4.0)

No previous works on the stiffness or contact forces
of REE drives are known to the authors. However, there
are several works on the stiffness and contact forces of
other robotic gear systems that can serve as a reference for
REE drives. Modern robotics predominantly use strain wave,
planetary, and cycloidal drives [2], [3], [10].

Strain wave drives, also known under the brand name
”Harmonic Drive,” use a deformable flex spline meshing with
an outer ring gear. The flex spline is elastically deformed
by an eccentric wave generator [15]. Due to the elastic
deformation of the flex spline, analytical approaches are
limited, and FEM simulations have established themselves
as the state of the art [16], [17]. The deformation behavior
central to strain wave drives does not occur in REE drives,
and methods established for strain wave drives are limited
in their transferability.

Planetary gear systems use a number of gears revolving
around a central sun gear and meshing with an outer ring gear
to transmit torque. Several kinematic variations of this prin-
ciple are established [18] but all share in common that their
stiffness is dominated by tooth contacts and deformations
[10]. Involute teeth are thinner and more prone to bending
than the cycloidal-like teeth of REE drives. Consequentially,
calculation methods established for planetary gearsets are not
easily transferable to REE drives.

Cycloidal drives employ cam discs mounted on an eccen-
tric crank to transmit torque. The cam discs mesh with an
outer pin wheel consisting of regularly spaced cylindrical
pins. The resulting eccentric motion of the cam discs is
converted into a rotary output using pin rollers [19]. The
stiffness of cycloidal drives is dominated by the stiffness of
the occurring contacts. Consequentially, contact-based simu-
lation models for the stiffness and contact forces of cycloidal
drives are well established and represent an alternative to
FEM simulations [7], [8].
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Cycloidal drives share many similarities with REE drives.
The totality of rolling elements in a REE drive can be equated
to the cycloidal cam of a cycloidal drive. Additionally, the re-
sulting gear geometry of a REE drive is similar to a cycloidal
curve [5]. These similarities suggest that calculation models
for cycloidal drives could be transferred to REE drives.

Additionally, the structural similarity between REE drives
and roller bearings can be noted [5]. Contact-based calcu-
lation models are the state of the art for calculating the
stiffness and load distribution of roller bearings, as described
in standards for the calculation of roller bearing properties
[9]. These models can serve as a reference for REE drives.

The stiffness and backlash of gear systems can be ex-
pressed as a twist-over-torque curve. A drive’s backlash is
expressed as a steep change in twist angle under negligible
load. The stiffness of the drive is expressed as the derivative
of the curve. [10]

III. SIMULATION APPROACH

The stiffness of REE drives is modeled using a contact-
based approach. Deformations outside the contact are ne-
glected based on similar works for cycloidal drives [7]. Each
rolling element is modeled separately. The cage and gear
are fixed, and the crank is twisted relative to the neutral
position. The static equilibrium position of a rolling element
is calculated for different crank angles of twist ¢. The output
torque resulting from one rolling element at a given angle of
twist ¢ and point on the gear profile, determined by the angle
B, can be calculated from the contact forces. The total output
torque for different angles of twist can then be calculated by
adding the contributions of the individual rolling elements.

All relevant displacements and forces occur in a two-
dimensional plane orthogonal to the axis of rotation. Con-
sequentially, the position of the rolling element and crank
and the occurring forces are modeled in two dimensions.
The position of the rolling element x is tracked using a
local coordinate system centered on the neutral position of
the rolling element. The basis vectors of this coordinate
system point in the radial and tangential directions. The
configuration of the drive in the neutral (grey) and a twisted
(blue) position are shown in Fig. 4.

Fig. 4. Neutral (grey) and twisted (blue) position of the drive around one
rolling element. The positions of the local coordinate system (orange), cage
(green), and gear (purple) are independent of the angle of twist ¢. The
center of rotation of the drive M, the neutral center of the eccentricity Eo,
and the twisted center of the eccentricity £, are marked.

Four contact points occur in the considered plane:

o (1 Rolling Element - Ring Gear
e (3 Rolling Element - Eccentric Crank

o (5 Rolling Element - Cage t+

o (4 Rolling Element - Cage t-

Fig. 5 shows the contact points for one rolling element.
The crank is shown in blue, the cage is shown in green, and
the gear is shown in purple.

Fig. 5. Contact points and overlap  Fig. 6. Relative indentation &, nor-
of one rolling element at position  mal vector N, and resulting force
x. No overlap results for C3. vector F' of one contact.

The deformation at each contact is modeled using a
purely elastic contact model. The contact force Fy can be
expressed as a generalized equation depending on the relative
indentation § and two contact stiffness parameters K and n
[20]:

Fy =K. €))

The exponent n depends on the geometry of the contact. Line
contact resulting from cylindrical rollers and point contact
resulting from spherical rollers lead to different exponents n.
The factor K depends on the radii and material properties of
the elements in contact. It is constant for contacts Csy, Cs,
and C4. For the contact with the gear C';, K depends on the
point of contact with the gear due to its variable radius:

K1 = f(B),

For negative relative indentations 4 < 0, no contact occurs.
This is modeled using the Heaviside function o (9):

Fy = K& o(5). 3)

Ky, K3, K4 = const. 2)

The force vector F; corresponding to an individual contact
C; is given by the product of the normal force Fj ; and
normal vector Nj:

F;=K;6;"0(d;)N;. 4)

The parameters of the contact model can be chosen based
on the geometry of the contacts and modeling assumptions.
For the contact model used in this work, see Section IV.

The normal vectors N; and the relative indentations ¢;
of the contacts can be calculated based on the drive’s
geometry and are independent of the chosen contact model.
By convention, the normal vectors are oriented to point
toward the center of the rolling element, i.e., in the direction
of the forces acting on the rolling element. Fig. 6 shows
one contact’s relative indentation, normal vector, and force
vector. The properties of each contact are calculated based
on the radii 7RrE, TCrank, and Tcqge as well as the distance
of the equidistant q. These quantities include tolerances.
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The contact C is simplified by linearizing the relative
indentation §; and assuming a constant stiffness parameter
K for each point on the gear profile. These assumptions hold
for small displacements x of the rolling element but become
increasingly inaccurate for larger displacements. The normal
vector of the gear calculated in [5] was rotated into the local
coordinate system. For ease of notation, the radial component
n, and the tangential component n; of the non-normalized
normal vector are calculated separately:

n. =z ‘c. (5)

e cos(3)
\/(a +b)2 — e2sin?(3)
The inwards pointing, unit normal vector IN; is given by:
1 —n,
— [__ ] : )
VnZ+n? [T

The relative indentation §; can be calculated by projecting
the position of the rolling element x along the normal vector
N; and offsetting the result rolling elements radius rrr and
the distance of the equidistant g:

ny =esin(8) [ 1+ (6)

N; =

0y =rrg —q—Nj-x. ®)

The contact between the crank and the rolling element Cs
happens between two circular cross-sections. The connecting
line d from the center of the eccentricity to the center of the
displaced rolling element is given by:

d=e {_Zfﬁ((gijﬂ +e(B) H +x. )

The relative indentation d, can be obtained by subtracting
the magnitude of d from the sum of the radius of the rolling
element rzg and the radius of the crank rc,gnk:

02 = TRE + TCrank — Hd” . (10)

The unit normal vector N3 can be computed by normalizing
d:
d

_W.

In the modeled plane, two contact points can occur between
the rolling element and the cage bore. The contact in the
positive tangential direction is called C3, and the contact in
the negative tangential direction is called C4. The normal
vectors of both contacts are oriented towards the origin of
the local coordinate system and have no radial component:

o[ -]

The distance between the neutral position of the rolling
element and the cage walls, including tolerances, is called
the radius of the cage 7cqqe. For spherical rolling elements,
this is equivalent to the radius of the cage bore. The relative
indentation of contacts C's and Cy can be expressed in terms
of the tangential component of the rolling elements position

N, (1)

(12)

x, the rolling elements radius rrg and the radius of the
cage rcqge!

(13)
(14)

63 =Xt +TRE — TCage -

54 = —%;+TRE — TCage -

The total force acting on one rolling element Fyyiq;(x) is
given by the sum of the contact force vectors F;:

Frow(x) =Y Fj=> K; (5;(x))" o(5;(x)N;. (15)

4
=1

j=1
The resulting vector field represents the total force acting on
one rolling element. Additional forces, such as gravitational
or dynamic influences, can be added to this sum but are
disregarded in this work. At the static equilibrium, all forces
acting on the rolling element must cancel out, i.e., the total
force must be 0. This results in an implicit equation for the
static equilibrium position of the rolling element X44¢:

!
Ftotal (Xstat) =0.

This equation can be solved for X4, using numerical
methods. In general, the resulting solutions are not unique
due to the tolerances of the parts. Non-unique solutions occur
when the rolling element has play and are irrelevant to the
drive’s torque generation, stiffness, and contact forces.

The force vector field is conservative, as it is the gradient
of the stored energy. This enables gradient descent to be used
to find solutions. Alternatively, non-linear equation solvers
can be used. For these, it is advantageous to explicitly
calculate the Jacobian matrix of the force Fyypqi(x). The
Heaviside function is defined such that the root of the normal
force compensates its non-differentiability at 0. The Jacobian
of the total force is given by:

(16)

4
J(X) = Z_Kj a(dj)néj"_l Nj ®Nj
= (17)

+ Ko 0’((52) 02" VN, .

In this equation, the tensor product ® is equivalent to the
outer product of the vectors. The Jacobian of Ns is given
by:

wNe =il ([ 3] -vEmee [G]) s

with d,- and d; as the radial and tangential component of the
vector d. Using this explicitly calculated Jacobian matrix
increases the computation speed of the solver considerably.

The output torque resulting from one rolling element for
a given twist angle ¢ can be calculated using its static
equilibrium position and the corresponding contact forces.
The drive’s output torque is given by the product of the
rolling element’s leverage times the resulting force on the
cage. The rolling element’s leverage is given by the sum
of the path distance ¢ and radial component of the rolling
element’s static equilibrium position 2 4¢4,-. The force on the
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cage is given by the difference between the normal forces
resulting from contacts C'3 and Cy:

Tout = (C + xstatn’) (FN,3 (Xstat) - FN,4 (Xstat)) . (19)

The total output torque of the drive at a given angle of twist is
calculated using a Monte-Carlo simulation to account for ran-
dom tolerance variations. Tolerances are modeled as normal
distributions centered on the specified tolerance range. The
standard deviation of this distribution is chosen such that the
specified tolerance limits lie at three standard deviations from
the mean. This results in 99.7 % of parts lying in tolerance.
Furthermore, it was assumed that the tolerances of different
rolling elements and parts are statistically independent and
that no systematic error affects them.

A number of rolling elements with randomly determined
tolerances are simulated. The total number of simulated
rolling elements nr g can be arranged on a single eccentricity
or on multiple offset eccentricities. See [5] for additional
considerations regarding the number and arrangement of
eccentricities. The position of the initial rolling element 3
is determined randomly using a uniform distribution from 0
to 27r. All further rolling elements are spaced evenly on the
gear profile:

Be=Po+k 2T ;
NRE

The static equilibrium position, contact forces, and output
torques of these rolling elements are then calculated over a
range of twist angles. Additional attention must be paid if
the gear geometry is self-intersecting. Any rolling elements
in the self-intersecting portion of the gear must be excluded
from this calculation as they are incapable of generating
torque. The total output moment Ty 1o1q1(¢) i given by the
sum of the individual contributions of the rolling elements:

szO,l,...,nRE. (20)

MNRE

Tout,total(¢) = Z Tout,k((b) . (21)
k=1

This simulation is repeated multiple times with different

randomly generated tolerances in order to obtain statistical
data about the drive’s performance.

IV. SIMULATED DRIVE AND SIMULATION PARAMETERS

The simulation approach described in Section III was used
to investigate the stiffness of a representative REE drive. A
drive using spherical rollers on three eccentric cranks offset
by 120° was chosen based on the considerations described in
[5] and available cycloidal drives [21]. The base dimensions
of the chosen drive are listed in Table I. A comparison of
different REE drive geometries and transmission ratios is
beyond the scope of this work.

Different variants of this drive were simulated to investi-
gate the effect of manufacturing techniques on REE drives.
All simulated drives use steel balls as rolling elements and
a steel bearing as the crank due to their availability, low
price, and high precision. Balls with a tolerance class of G10
according to ISO 3290 [22] and a bearing with a tolerance
class of "Normal” according to ISO 492 [23] were chosen for

TABLE I
GEOMETRY AND DIMENSIONS OF THE SIMULATED REE DRIVES.

Dimension Chosen Value
Radius of the crank a 41 mm
Radius of the rolling element b 7mm
Eccentricity of the crank e 0.7mm
Transmission ratio from the crank to the cage ¢ 29
Total number of rolling elements nr g 87

all drives. The tolerances of the cage and gear were based on
the state of the art for the chosen manufacturing techniques
[24]-[28] and denoted using the tolerance grades defined
in ISO 286 [29]. The manufacturing techniques, tolerance
grades, tolerance windows for the diameters, and standard
deviations of the radii are denoted in Table II.

TABLE II
TOLERANCES OF THE SIMULATED REE DRIVES.

Component Tolerance Diameter Standard
Grade Tolerance deviation of

the radius

All Drives

Radial bearing used as ISO 492 13 pm 1.08 ym

the crank surface Normal

Ball used as the rolling ISO 3290 0.5um 0.042 ym

element G10

Drive 1

Ground gear profile IT 5 15 um 1.25um

Honed cage bore IT 4 5um 0.42 um

Drive 2

Milled gear profile 1T 9 87 um 7.25 um

Reamed cage bore IT 6 11 pm 0.92 um

Drive 3

FFF 3D printed gear IT 11 220 um 18.33 um

FFF 3D printed cage IT 13 270 um 22.5um

bore

The mean deviation of the crank radius, rolling element
radius, and gear equidistant were chosen to be 0 in order to
avoid backlash. The mean radius of the cage bore was chosen
to be three standard deviations larger than the nominal radius
in order to avoid excess friction.

All components except for the cage and gear of drive
3 were made from hardened 100Cr6 steel with a Young’s
modulus E of 208 GPa and Poisson’s ratio v of 0.30 [30].
The material properties of the drive 3’s cage and gear were
based on the properties of 3D printed PLA, with a Young’s
Modulus E of 3 GPa and a Poisson’s Ratio v of 0.33 [31],
[32].

A Hertzian contact model based on the state of the art in
roller bearings [9], [30] was chosen as the contact model.
For a contact C; between the bodies A and B the contact
parameters are:

(22)

n=—,
2
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(23)

The material properties of the bodies are described by their
Young’s moduli, £4 and Ep, and their Poisson’s ratios v 4
and vp. Xp; is the curvature sum of the contact C;. The
Hertzian coefficient ﬁ was interpolated between tabular data
adapted from [30]. The curvature sums Yp; and Hertzian
coefficients 22 were calculated based on the radii of the
parts, includinjg tolerances.

The local radius of curvature of the gear was calculated by
using symbolical differentiation to determine the curvature
of the rolling elements path c. To this, the distance of the
equidistant ¢ was added. Due to the concave nature of the
gear, the negative of this radius must be used according to
the conventions for Hertzian contacts:

-1
c(8) = e(p) {gfﬁ((j_l g))] - (24)
_ I’
TGear = — (det(c’,c”) + Q) . (25)

For each variant, 1000 full drives were simulated, resulting
in 87000 simulated rolling elements per variant.

V. RESULTS

Three different REE drives were simulated, and their
twist-over-torque curves were calculated. Fig. 7 shows the
resulting mean twist-over-torque curves and the 10th and
90th percentile of the generated torque for each twist angle.
It can be observed that the mean twist-over-torque curves
of the metal drives, drive 1 (blue) and drive 2 (orange), are
similar and overlap each other. Drive 3 (purple) shows a
considerably lower stiffness and consequentially higher twist
angles at the same torque.

Drive 1
Drive 2
Drive 3

<
o

Output Twist [deg]
s
[V} o

-300 -200 -100 0 100 200 300
Output Torque [Nm]

Fig. 7. Twist-over-torque curves of the simulated drives. Solid lines show
the mean generated torque of the simulated drives. Dashed lines show the
10th and 90th percentile of the generated torque. Drive 1 (blue) and 2
(orange) overlap, reducing the visibility of drive 1.

It should be noted that the limits of the simulated torques
do not equate to the torque ratings of the drives. The range
of simulated twist angles was limited based on the occurring
pressures, but no in-depth calculation of the maximum torque
for the drives was performed. An in-depth investigation into
the permissible torques of REE drives is subject to future
research.

Additionally, the simulated stiffness of REE drives was
compared to other eccentric drives. A strain wave drive and a
cycloidal drive with similar outer diameters and transmission
ratios were chosen for this comparison. Harmonic drive’s
"HFUS-40-2A” [33] with a transmission ratio of 50 was
chosen as a representative strain wave drive. Sumitomo’s
“Fine Cyclo F1C-A 25” [21] with a transmission ratio of 29
was chosen as a representative cycloidal drive. The published
specifications were used to calculate the twist-over-torque
curves of these drives.

Fig. 8 shows the mean twist-over-torque curve of REE
drive 1 (blue) compared to the chosen strain wave drive
(green) and cycloidal drive (yellow). Drive 1 was selected
for the comparison because it represents the manufacturing
techniques and materials used in the chosen strain wave and
cycloidal drive. The REE drive has a slightly lower stiffness
than the established eccentric drives.

REE Drive 1
Strain Wave Drive

Cycloidal Drive

80

<

= —
=3 p

H 4

5 /

2

£

=

]

-300 -200 -100 0 100 200 300
Output Torque [Nm]
Fig. 8. Mean twist-over-torque curves of the simulated REE drive 1 and

the chosen strain wave and cycloidal drive. Harmonic drive’s "HFUS-40-
2A” [33] with a transmission ratio of 50:1 was chosen as the strain wave
drive. Sumitomo’s “Fine Cyclo F1C-A 25” [21] with a transmission ratio
of 29:1 was chosen as the cycloidal drive.

Additionally, the contact forces of all rolling elements
were computed. The maximum normal forces at each contact
point were calculated for each simulated drive. The results
are shown in Fig. 9. It can be observed that the larger
tolerances of drive 2 lead to higher and more variable contact
forces compared to drive 1. Due to the chosen tolerance
fields, drive 2 and drive 3 also show substantial contact forces
when no twist, and with it no load, is present. Furthermore,
the occurring contact forces of drive 3 are considerably
lower than those of the drives manufactured from metal.
Additionally, the load distribution was visualized by dividing
the highest torque contribution of a given drive’s rolling
elements by the total output torque of the drive. The resulting
load shares are shown in Fig. 10. Load shares at low torques
are not representative due to random variations in the part
tolerances and are excluded. It can be observed that the load
shares start high for low loads and asymptotically approach
a value between 10% and 20% for high loads. In other
words, around 10% to 20% of the drive’s output torque
is transmitted by a single rolling element during increased
loads. Additionally, the load share of drive 1 is lower than
the load shares of drive 2 and 3, and less deviation occurs
as the result of random variations.
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Fig. 9. Maximum contact forces of the simulated drives. Dashed lines

indicate the 10th and 90th percentile of simulated drives.
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Fig. 10. Load distribution of the simulated drives. The load share is defined
as the maximum torque contribution of a rolling element divided by the total
output torque of the drive. The low torque region, which is strongly affected
by random variations, is excluded. Dashed lines indicate the 10th and 90th
percentile of simulated drives.

VI. DISCUSSION

The simulated performance of the REE drives matches
the expected results. The overall shape of the twist-over-
torque curves matches the chosen comparisons and published
research. The slightly lower stiffness of the simulated REE
drive compared to the published specifications of other
eccentric drives can be explained by the difference between
point and line contact. The point contact of the simulated
REE drive leads to a fundamentally lower stiffness than
the line contact of the chosen cycloidal and strain wave
drive [20]. A high-stiffness line contact can be realized by
choosing cylindrical rollers instead of balls.

The increased contact forces under no load of drives 2
and 3 are expected to cause higher friction during load-
free operation. These contact forces are caused by the mean
value of the chosen tolerance fields and could be reduced
by choosing a tolerance field with less overlap. In turn,
such a tolerance field reduces the drive’s stiffness in the no-
load region. Decreasing the overlap even further could fully
eliminate these forces at the cost of introducing backlash
into the drive. This trade-off between stiffness/backlash and
friction in the no-load region must be considered during the
design of a REE drive. As demonstrated by drive 1, more
precise manufacturing techniques decrease the necessity of
such a trade-off. In turn, such drives are more difficult and
more expensive to fabricate.

The contact forces of drive 3 are considerably lower than
the other drives because the plastic material used for them
is less stiff. At the same displacement, less force occurs,

leading to the lower output torque and stiffness of the 3D
printed drive.

The load distribution of the drive is affected by the
occurring pressure angles of the gear. Close to the peaks
and troughs, the gear’s pressure angle  approaches 0 [5],
and no torque can be generated. Consequentially, the rolling
elements in the middle of the gear profile contribute the
greatest amount of torque to the total output. The load share
is initially higher because tolerances have a more substantial
effect during low deformations. Under higher loads, the
effect of tolerances decreases, and the load share approaches
a fixed value determined by the geometry of the drive.

In theory, the stiffness curve of REE drives could also
be obtained using a FEM approach. However, FEM requires
knowledge of implementation-specific details which are un-
available in the preliminary design phase. Additionally, FEM
requires considerably more computation and work to set
up, which reduces the number of different drives that can
be simulated. Furthermore, the high number of occurring
contacts presents a challenge for finite element analysis. For
the drive simulated in this work, at least 261 individual
contact points occur simultaneously, with even more contacts
occurring for REE drives with higher transmission ratios. For
these reasons, an analytical approach such as the one outlined
in this work is preferable during the current design stage.

The proposed simulation model can serve as the basis for
further investigations. Knowledge of the occurring contact
forces is a prerequisite for investigations of the drive’s torque
capacity, expected lifetime, and efficiency. Such investiga-
tions allow for an optimization of REE drive geometry and
lead to a better understanding of the technology.

Once the design of REE drives has been optimized and key
influencing parameters have been identified, an experimental
investigation is the next step. An optimized design better
reflects the capabilities of the technology, and knowledge
of key design parameters allows for conscious experimental
design.

VII. CONCLUSION AND FUTURE WORK

In this work, a simulation model for the stiffness and con-
tact forces of REE drives was derived. The model was based
on established computation methods for cycloidal drives
and roller bearings and uses contact models to represent
deformations in the drive.

A representative REE drive was simulated using the es-
tablished simulation model, and the influence of different
manufacturing techniques was investigated. The drives man-
ufactured from steel showed similar twist-over-torque curves
irrespective of the manufacturing tolerances. The simulated
3D printed drive showed considerably lower stiffness due to
the used plastic material. Higher contact forces during no-
load conditions were observed for drives with less precise
manufacturing techniques.

The twist-over-torque curve of the simulated drives was
compared to commercially available eccentric drives used in
robotics, and a substantial similarity between their stiffnesses
was observed.
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This work contributes to the theoretical foundation needed
for an experimental investigation of REE drives. As an
underexplored technology, REE drives lack the established
knowledge base of other drive technologies. Theoretical
investigations can show key influencing parameters and
generate insight into the mechanisms at play. At the current
preliminary design stage, experimental investigations into
REE drives lack the foundation to generate meaningful
insights.

Instead of experimental validation, this work relies on
well-established mechanical models, state-of-the-art methods
in related technologies, and comparisons to similar drives.
Further work is needed in order to optimize the design
of REE drives ahead of an experimental investigation. The
model outlined in this work can serve as the basis of
such an optimization. Additionally, investigations into the
expected lifetime, efficiency, and speed limits of REE drives
can be based on the proposed simulation approach. Once
these foundations have been established, an experimental
investigation of REE drives is planned.
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